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Multiple Combustion Stages
Inside a Heavy-Duty Diesel
Engine Retrofitted to NaturalGas Spark-Ignition Operation
Converting existing diesel engines to natural-gas (NG) spark-ignition (SI) operation can
reduce the dependence on oil imports and increase energy security. NG-dedicated conversion can be achieved by the addition of a gas injector in the intake manifold and of a
spark plug in place of the diesel injector. Previous studies indicated that lean-burn NG
inside the traditional diesel chamber (i.e., a bowl-in-piston geometry) is a two-stage combustion (i.e., a fast burn inside the bowl followed by a slower burn inside the squish).
However, a triple-peak apparent heat release rate (AHRR) was seen at specific operating
conditions (e.g., advanced spark timing (ST) at medium load and engine speed), suggesting that one of the two combustion stages may separate again. Specifically, the burn
inside the squish region divided in two events before and after top dead center (TDC).
This was due to the different flow motion inside the squish during the compression stroke
compared to the one in the expansion stroke, which affected the combustion environments. The result was the apparition of two close peaks in pressure trace, which suggest
larger gradients in pressure and temperature than at a more delayed ST. In addition, the
phasing and magnitude of three peaks of the heat release changed cycle-to-cycle. As an
advanced ST is the usual strategy used in lean-burn SI combustion, understanding phenomena such as the one presented here can be important for reducing engine-out emissions and increase engine efficiency. [DOI: 10.1115/1.4044492]

Introduction
Natural-gas (NG) is a midterm solution to reduce greenhouse
gas emissions associated with the use of conventional petroleumbased fuels (i.e., gasoline and diesel) in the transportation and
small-scale power generation sectors [1,2]. Moreover, NG can
also operate leaner than gasoline [3], which in addition to increasing engine efficiency, also reduces in-cylinder formation of nitrogen oxides (NOx), carbon monoxide (CO), and unburned
hydrocarbon (HC) emissions [4,5]. Further, the higher NG resistance to knock (auto-ignition temperature around 600  C compared
to 315  C for gasoline) allows an NG engine to operate at a higher
compression ratio [6,7], which increases torque, power, and efficiency compared to a conventional spark-ignition (SI) gasoline
engine [8]. With increasing demand for diesel fuel worldwide, a
significant number of existing diesel engines can be converted to
NG operation [9]. A solution for converting the diesel engines is
the use of a spark plug for reliable NG ignition and of a lowpressure gas injector to deliver the gas upstream of the intake
valve [10,11]. The use of a gaseous fuel creates a more homogeneous fuel–air mixture inside the combustion chamber compared
to a traditional gasoline SI engine [12]. However, the dieselspecific flow patterns and turbulence levels will affect differently
the turbulent flame propagation [13,14]. While there is a need to
better understand the NG flame propagation inside a bowl-inpiston combustion chamber for optimum engine efficiency and
emissions, there is a limited number of studies in the literature
that addressed the combustion fundamentals [15]. For example,
the majority of existing studies on the topic were concerned more
with technical conversion issues [16,17], effects on the fuel consumption and engine power [18,19], cycle-to-cycle variations
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[12], gas composition effects [20,21], chamber optimization
[22,23], and the efficiency of existing after-treatment systems
[24,25]. The limited number of studies that addressed the combustion fundamentals of lean combustion in diesel engines converted
to NG SI operation indicated that the process was different from
that in conventional gasoline SI engines [8]. For example, Liu and
Dumitrescu [26] showed that the combustion inside a bowl-inpiston chamber was separated into two stages in terms of timing
and location: a fast, thick flame inside the bowl and a slow, thinner, and delayed flame inside the squish region. The fastpropagated flame propagation inside the piston bowl was due to
the high turbulence intensity created by the squish during the
compression stroke, which accelerated the flame propagation process and reduced cycle-to-cycle variations [8]. The result was a
robust combustion event despite the lean burn operation [26].
Moreover, the flame propagation speed of the lean-burn NG SI
combustion in the converted diesel engine was comparable to that
in traditional stoichiometric gasoline SI engines [4,27]. The downside was the slower burning inside the squish region due to the
steep decrease in the turbulence intensity in that region and the
small squish height, which could affect engine efficiency and
emissions [26]. Moreover, previous studies indicated that if the
phasing difference between the inside- and outside-the-bowl burning events increased, a secondary peak appeared in the apparent
heat release rate (AHRR) [8], which supported the two-stage combustion hypothesis in these converted engines. Furthermore,
recent experiments in such an engine at very advanced spark timing (ST) (a strategy generally used in lean-burn SI combustion)
produced a three-peak heat release, which suggested larger gradients in pressure and local temperature than those previously
observed. In addition, the authors could not find in the literature
any mention of such triple-peak heat release. The hypothesis for
the lack of previous reporting was that the additional peak in the
heat release was the result of one of the two combustion stages
normally seen in such a converted engine being further divided
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Table 1 Engine specifications
Bore  Stoke
Intake valve opens/closes
Exhaust valve opens/closes
Connecting rod length
Compression ratio
Displacement
Combustion chamber

130.2 mm  150 mm
12  BTDC/40  ABDC
54  BBDC/10  ATDC
275 mm
13.3:1
1.997 L
Flat head and bowl-in-piston

into two stages (hence the triple-peak heat release). Subsequently,
the main goal of this study was to investigate the in-cylinder phenomena that created this feature, particularly the correlation
between the flame propagation and in-cylinder flow pattern at the
time of the observed peaks.

Experimental Apparatus and Conditions
Experiments were conducted in a single-cylinder research
engine (Ricardo/Cussons, Manchester, UK, Model Proteus), based
on a commercial heavy-duty diesel engine (Volvo, Gothenburg,
Sweden, Model TD120). Table 1 provides the detailed engine
specifications. Figures 1 and 2 show the engine test-cell and a
close-up of the engine conversion. The original supercharged,
direct-injection engine configuration was modified to NG SI operation by replacing the diesel fuel injector with a NG spark plug
(Stitt, Conroe, TX, Model S-RSGN40XLBEX8.4-2) and by delivering the gas inside the intake manifold via a low-pressure gas
injector (Rail Spa, Vezzano sul Crostolo, Reggio Emilia, Italy,
Model IG7 Navajo). No other modifications were made to the

Fig. 2

Close-up of the engine modification

engine head, and the original diesel piston was maintained to
reduce the conversion cost, as shown in Fig. 3. The combustion
chamber is characterized by a toroidal bowl-in-piston and swirlproducing intake ports. In-cylinder pressure data were collected
by a flush-mounted [28,29] piezoelectric pressure transducer
(Kistler, Amherst, NY, Model 6125CU20) in series with a charge
amplifier (Kistler, model 5010) that converted the electric charge
to engineering pressure units. The recorded pressure trace was
“pegged” to the intake manifold pressure, which was measured
with a high-frequency piezoresistive sensor (Kulite, Leonia, NJ,
Model HEM-375). Reference [8] provides additional details about
the experimental setup.
Experimental conditions were lean equivalence ratio (/ ¼ 0.8),
medium engine load (6.2 bar indicated mean effective pressure—
IMEP) and medium engine speed (1300 rpm). The fuel was
99.5 vol % methane (CH4), with the detailed composition shown
in Table 2. A ST of 35 CAD ATDC resulted in stable combustion and knock-free operation. Operating conditions are summarized in Table 3. More than one hundred individual engine cycles
were collected and used for analysis.

Combustion Analysis
A single-zone heat-release model analyzed in-cylinder pressure
data [4]. The AHRR was calculated with the following equation:
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The cumulative heat release is the AHRR integral over the
period of interest, as shown in the following equation:
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Fig. 1

Experimental setup

021018-2 / Vol. 142, FEBRUARY 2020

where Qnet ðhÞ is the net cumulative energy release (ER) from start
of combustion (SOC) hSOC to the crank angle of interest h. The
Transactions of the ASME

start of combustion in this study was the first detectable increase
in the effective polytropic index calculated based on the variation
of the in-cylinder pressure during the change in volume [30]. The
net ER fraction in this study is defined as the ratio of the cumulative heat release to the total heat release, as shown in the following equation:
ERðhÞ ¼

Qnet ðhÞ
Qnet ðEOCÞ

(3)

where ERðhÞ is the energy release fraction and Qnet ðEOCÞ is the
cumulative energy release at the end of combustion (EOC). EOC
was the first time when the effective polytropic index approaches
a relatively constant value during the expansion stroke [30]. The
combustion analysis described by Eqs. (1)–(3) was performed in a
MATLAB environment using proprietary codes.

Results

Fig. 3

Close-up of (a) cylinder head and (b) bowl-in-piston
Table 2 Fuel composition

CH4 (vol %)
O2 (ppm)
H2O (ppm)
C2H6 (ppm)
N2 (ppm)

Table 3
Engine speed
Equivalence ratio
Spark timing
Spark duration
Intake manifold pressure
Intake air temperature

99.5
<50
<10
<1000
<4000

Operating conditions
1300 6 1 rpm
0.8 6 0.01
35 CAD ATDC
1 ms
86.7 6 6.0 kPa
49 6 2  C
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A close investigation of the pressure data suggested no knocking phenomena during the experiments. Further, the low coefficient of variation (COV) of IMEP (COVIMEP < 1.5%) suggested a
stable combustion event. Figure 4 presents the in-cylinder pressure, AHRR, and the energy release fraction. While the peak pressure location (3 CAD ATDC) was close to top dead center
(TDC), Fig. 4(c) shows that most of fuel (75%) burned before
TDC. As mentioned in the Introduction section, Fig. 4(b) shows a
three-peak heat release at this operating condition, which was not
seen for spark timing close to the maximum brake torque timing
in previous work [8]. The first (and also the largest) AHRR peak
was located at 11 CAD ATDC. The steep decrease in the heat
release rate after its first peak was associated with the reduction in
rate of in-cylinder pressure rise near 5 CAD ATDC. The second
peak was associated with a sudden increase in the burning rate
between 7 and 2 CAD ATDC. The third AHRR peak was
associated with combustion phenomena between 4 and 7 CAD
ATDC. The relatively slow early flame development process was
reflected in the long duration (21 CAD) between start of combustion (around 3.5 CAD after spark timing) and the timing of the
first AHRR peak timing. This is in contrast to the time between
the first and the second AHRR peaks, which was 10 CAD. If
each peak is associated with a combustion stage, it can be inferred
from Fig. 4(c) that 70% less fuel burned during the second combustion stage compared to the first combustion stage, despite peak
the 40% lower AHRR peak. Moreover, just a small amount of fuel
created the third AHRR peak. The energy released from 12.5
CAD ATDC afterward was most probably due to late oxidation
processes inside the chamber and the incomplete burn of the fuel
flowing out of crevices.
The three-stage combustion observed at advanced spark timing
in a diesel engine converted to SI operation is different from that
in a traditional SI engine. Specifically, the rate at which the
fuel–air mixture burns in a conventional SI engine increases from
a low value immediately following the spark discharge to a maximum about halfway through the burning process and then
decreases to close to zero as the combustion process completes
[4]. Subsequently, the energy release fraction for the premixed
combustion inside a typical pent-roof combustion chamber has a
characteristic S-shape [31]. By comparison, Fig. 4(c) shows two
distinct periods on the rising part of the ER curve, which is
explained by the three-peak AHRR in Fig. 4(c). The results suggest a strong effect of the diesel geometry on flame propagation
for such converted engines.
It was of interest if the averaged data presented in Fig. 4 was
representative of individual cycle behavior and how the position
of the three AHRR peaks changed from one cycle to another (see
Appendix for details). Some individual cycles (the solid lines
Fig. 5(a)) showed a dual-peak pressure in the maximum pressure
region, which was not captured by the average pressure trace
(dashed line in Fig. 5(a)). In addition, the cycle-to-cycle variations
FEBRUARY 2020, Vol. 142 / 021018-3

Fig. 5 Individual versus the average cycle: (a) in-cylinder pressure and (b) apparent heat release rate

Fig. 4 Average (a) in-cylinder pressure, (b) apparent heat
release rate, and (c) mass fraction burned

in flame inception and subsequent flame propagation affected the
magnitude of the first two AHRR peaks. Moreover, the corresponding AHRRs (solid lines in Fig. 5(b)) show cycles with a
much higher magnitude of the third AHRR peak compared to that
in the average cycle (dashed line in Fig. 5(b)), suggesting a higher
percentage of fuel burning in the third combustion stage. Furthermore, an advanced first AHRR peak did not always create an
021018-4 / Vol. 142, FEBRUARY 2020

advanced second and/or third AHRR peak for the conditions
investigated here, which suggested that the triple-peak AHRR was
due to a more complex interaction of in-cylinder flow and chemistry phenomena than the one seen in conventional spark-ignition
process.
A 3D computational fluid dynamics model [32] of the engine
simulated in-cylinder flow at motoring conditions to understand
the processes that created the three-peak AHRR and the corresponding three-stage combustion. The motoring simulation (at
1300 rpm) was preferred to a simulation of a fired cycle because
the engine model had difficulties in matching the energy released
during the third AHRR peak when matching the first two AHRR
peaks. This was most probably due to the model limitations as the
model was not developed for such a combustion strategy and
geometry. However, the motored cycle provided information on
the in-cylinder flow motion and intensity at the time the AHRR
peaks were observed. Figure 6, which shows the flow motion and
in-cylinder turbulence distribution in a motored cycle between
35 and 10 CAD ATDC (i.e., at the same timing as the combustion event in the firing cycle), is an example of the computational
fluid dynamics results. Figures 7–9 detail some of the flow motion
and turbulence distribution characteristics in Fig. 6 during each
combustion stage. In addition, the flame propagation progress
in each stage was plotted to explain the triple-peak AHRR
phenomenon.
Transactions of the ASME

Fig. 7 Details of (a) in-cylinder main flow motion and (b) flame
propagation, during the first combustion stage (compression
stroke)

Fig. 6 Predicted in-cylinder flow motion (left column) and turbulence intensity (right column) under motoring conditions

Figure 7, which is based on the analysis of data presented in
Fig. 6, suggests the most important features of the in-cylinder
flow motion (Fig. 7(a)) and of the flame location and propagation
(Fig. 7(b)), from spark timing (35 CAD ATDC) to 5 CAD
ATDC (i.e., during the first combustion stage). Figure 7(a) shows
that the squish region created a highly turbulent flow in the radial
direction as the piston approached TDC during the compression
stroke. Also, a secondary tumble flow was generated by the interaction between the out-of-the-squish flow motion and the pistongenerated flow as the piston moved upward. Figure 6 shows that
this combination of tumble and intake swirl generated a high turbulence intensity inside the bowl, which enhanced and stabilized
the combustion process. These flow characteristics also explain
the short duration of the first combustion stage (i.e., the combustion inside the bowl) despite the lean mixture. Moreover, the
advanced spark timing placed most of the combustion inside the
compression stroke, which reduced the distance between the flame
front and the bottom of the bowl as the combustion inside the
Journal of Engineering for Gas Turbines and Power

bowl progressed. As a result, the flame front reached the bottom
of the bowl and the entrance of the squish region at similar timings. As the direction of the flow motion was toward the propagating flame, it increased the burning rate, which explains the fast
and large energy release rate from ST to the first AHRR peak. But
the flame propagation decreased fast near the edge of the bowl
and at the narrow entrance of the squish volume due to increased
heat transfer to the surroundings, which explains the decreasing
AHRR from 10 to 5 CAD ATDC.
Figure 8 shows in-cylinder flow motion details and flame location during the second combustion stage (i.e., between 5 CAD
ATDC and TDC). Figure 4(b) shows that the second combustion
event took place inside the compression stroke, too. Based on previous simulations [8,26] at other operating conditions, the flame
front during the second stage was inside the squish region and the
burn inside the bowl was almost completed. The results suggest
that the second peak was produced by an increase in the burning
rate as the burning rate became higher due to the opposing squish
flow motion and the expanding burned gases. The reduction in
cold-flow motion velocity shown in Fig. 6 inside the squish region
during this stage was due to a combined effect of the upward piston motion and the flow motion out of the squish. However, the
combustion process increased the turbulence levels inside the
squish, which would further increase the burning rate. The overall
effect was an accelerating burn after the flame speed reduced at
the squish entrance, hence the second AHRR peak. But, after, the
flame propagation speed reduced and the rate of fuel consumption
also decreased as the vertical height of the squish decreased and
heat transfer to the boundaries increased. This explains the
decrease in the AHRR from TDC to 3 CAD ATDC seen in
Fig. 4(b).
Figure 9 describes the flow motion and the flame location during the third combustion stage, which took place in the expansion
stroke. Compared to the flow motion during the first two stages,
the gas was moving downward during the power stroke. As the
height of the squish region increased (which reduced the flame
contact surface), there was a short period in which the fuel consumption rate increased and created the third AHRR peak shown
in Fig. 4(b). Meanwhile, any unburned fuel inside the squish
FEBRUARY 2020, Vol. 142 / 021018-5

squish-burn process was further divided into two combustion
stages, with the cutoff point being close to TDC (i.e., the point
where in-cylinder flow motion changes its direction and intensity).
The result was the apparition of a third peak in the heat release,
which would decrease the peak cylinder temperature and increase
the combustion duration. These effects may not only affect the
NOx formation, which is usually very sensitive to temperature,
but it can reduce the combustion efficiency due to higher engineout CO and HC emissions. Overall, all these findings support the
need for further investigations of lean-burn NG SI combustion
inside a diesel geometry.

Summary and Conclusions
While existing diesel engines can be easily converted to
natural-gas spark-ignition operation, the diesel geometry affects
in-cylinder flame propagation in novel ways compared to a conventional gasoline spark-ignition engine. An interesting combustion behavior was observed for an advanced spark timing, which
is usually required for knock-free lean-burn operation in such a
converted engine. The main findings of the study were:

Fig. 8 Details of (a) in-cylinder main flow motion and (b) flame
propagation, during the second combustion stage (compression stroke)

behind the flame moved away from the flame front, also seen in
Fig. 6, which decreased the burning speed and the heat release
rate after the third AHRR peak.

Discussion
Previous results showed that advanced spark timing (a key
operating variable) will increase the phasing separation between
the inside- and outside-the-bowl burning, which produced the
two-peak heat release [8]. When the combustion phasing was further advanced by the use of a highly advanced spark timing, the

 The bowl-in-piston shape created a very specific in-cylinder
flow motion, which affected in-cylinder flame propagation.
As a result, the advanced spark timing created three distinct
peaks in the apparent heat release rate, which were associated with three distinct combustion stages.
 The first combustion stage was associated with most of the
fuel being burned inside the piston bowl. The fuel consumption rate reduced significantly when the flame approached
the squish entrance and the bowl bottom. The second combustion stage took place inside the squish region and was the
result of the turbulent flame speed overcoming the opposing
squish flow motion. The third combustion stage took place
inside the squish region, too, but in the expansion stroke. The
increasing squish height increased the burning rate for a short
time and produced the third heat release peak. However, the
decrease in the in-cylinder pressure and temperature immediately lowered the burning rate and ended combustion.
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Nomenclature

Fig. 9 Details of (a) in-cylinder main flow motion and (b) flame
propagation, during the third combustion stage (expansion
stroke)

021018-6 / Vol. 142, FEBRUARY 2020

ABDC ¼
AHRR ¼
ATDC ¼
BBDC ¼
BTDC ¼
CAD ¼
CH4 ¼
CO ¼
COV ¼
EOC ¼
ER ¼
HC ¼
IMEP ¼
NG ¼

after bottom dead center
apparent heat release rate
after top dead center
before bottom dead center
before top dead center
crank angle degree
methane
carbon monoxide
coefficient of variation
end of combustion
energy release
hydrocarbon
indicated mean effective pressure
natural gas
Transactions of the ASME

NOx ¼
SI ¼
ST ¼
TDC ¼
/¼

nitrogen oxides
spark ignition
spark timing
top dead center
equivalence ratio

Appendix: In-Cylinder Pressure and Apparent Heat
Release Rate for Individual Cycles
Averaging in-cylinder pressure and apparent heat release rate
can hide the information from individual cycles. Figure 10 shows
that the phasing and magnitude of the three peaks in the apparent
heat release varied cycle-to-cycle.

Fig. 10 Individual cycles (a) in-cylinder pressure and (b) apparent heat release rate
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